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Abstract

The mathematical models of evaporative fluid coolers and evaporative condensers are studied in detail to perform a
comprehensive design and rating analysis. The mathematical models are validated using experimental as well as numerical data
reported in the literature. These models are integrated with the fouling model presented in an earlier paper, using the
experimental data on tube fouling. In this paper, we use the fouling model to investigate the risk based thermal performance of
these evaporative heat exchangers. It is demonstrated that thermal effectiveness of the evaporative heat exchangers degrades
significantly with time indicating that, for a low risk level (p =0.01), there is about 66.7% decrease in effectiveness for the given
fouling model. Furthermore, it is noted that there is about 4.7% increase in outlet process fluid temperature of the evaporative
fluid cooler. Also, a parametric study is performed to evaluate the effect of elevation and mass flow rate ratio on typical
performance parameters such as effectiveness for rating calculations while surface area for design calculations.
© 2005 Elsevier Ltd and IIR. All rights reserved.
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Etude approfondie et évaluation des tours de refroidissement et
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1. Introduction

The phenomenon of cooling by evaporation is well
known and it has found many industrial applications. A
rational development of a combined cooling-tower heat-
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exchanger unit is the evaporative fluid cooler and
evaporative condenser. In these heat exchangers, the
purpose of the cooling tower is to cool water, and of the
heat exchanger, to cool the process fluid using the cooled
water, is merged. It is important to note that, with the growth
of the refrigeration and air conditioning industry, the
evaporative cooler came into extensive use, principally, as
a refrigerant condenser. Fig. 1 shows a combined schematic
diagram of the evaporative fluid cooler and evaporative
condenser. In case of the former, fluid flows from the bottom
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Nomenclature

A outside surface area of cooling tubes (m?)

a interfacial area per unit volume of a tube
bundle (m*>m™?)

C represents increase in performance index as
fouling reaches its asymptotic value

C, constant used in asymptotic fouling model (Eq.
)

Cp specific heat at constant pressure (kJ kg ' C™ 1)

d diameter (m)

E slope of the tie-line (E= — U,/hp) (kJ kg™ Lc™h

/o friction factor

g gravitational acceleration (m s~ %)

h specific enthalpy (kJ kg™ ")

he convective heat-transfer coefficient (kW m ™2
c™h

hp convective mass-transfer coefficient (kg,, m~2
s 1)

hy specific enthalpy of saturated liquid water
(I kgyH

hew specific enthalpy of water evaluated at ¢,
(kJ kg

hg specific enthalpy of saturated water vapor
(kJ kgyh

hg specific enthalpy of saturated water vapor

evaluated at 0 °C (kJ kg,)
Rg w change-of-phase enthalpy (hgg v =hg w—hiw)

(kJ kg
k thermal conductivity (kW m-!Cc™h
L length of tube (m)
Le Lewis factor (Le="h./hpcy, )
M median thickness to reach critical level of
fouling
m mass flow rate of fluid (kg s™ D)
Meatio water-to-air mass flow rate ratio
(mratio = mw,in/ma)
Ny number of tube rows
NTU number of transfer units
Nu Nusselt number
p risk level
P pressure (kPa)
P pitch (m)
Pr Prandtl number
0 heat transfer (kW)
Ry fouling resistance (C kW~ b}
R} fouling resistance per unit area, (m* C kW™ ")
Rine interface resistance (C kW 1)

Re Reynolds number

t temperature (°C); time (s)

U overall heat transfer coefficient, (kW m~2C ™1

W.I.L. with respect to

w humidity ratio of moist air (kg,, kg;')

nQ cooler/condenser performance index

Ja scatter in time

o ! inverse of the cumulative normal distribution
function

0] rate of deposition or removal of fouling
material (m* CkJ ")

) thickness (mm)

e effectiveness

r water flow rate per unit tube length (kg m ' s ")

u dynamic viscosity (kgm ™ 's™h

p density (kgm™?)

Subscripts

a air

atm at atmospheric conditions

c condensate

cl clean conditions

cal calculated

cr critical fouled conditions

d deposition

da dry air

db dry-bulb

ec evaporative condenser

efc evaporative fluid cooler

f final value

fl fouled conditions

F fill

oW vapor at water temperature

i initial value

in inlet

int air-water interface

is inside

norm normalized

0s outside

out outlet

P process fluid

r removal; refrigerant

S,W saturated moist air at water temperature

t tube

tot total

v vapor

w water

wb wet-bulb

to top and in case of the latter, the refrigerant flows from the
top to bottom.

The modeling of an evaporative cooler or condenser is
complicated by the fact that three fluids, normally flowing in
different directions, interact with each other through heat

and mass transfer processes. Many modeling procedures,
each with a varying degree of approximation, can be found
in the literature [1-3]. The evaporative condenser models
developed in these papers assumed a constant spray water
temperature. This assumption is also typically employed in
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Fig. 1. Combined schematic of a counter-flow evaporative fluid cooler and evaporative condenser.

evaporative cooler models as well. Parker and Treybal [4]
realized that this assumption caused the mathematical
equations of the model to become inconsistent, thus, giving
a meaningless answer. They reported a detailed experimen-
tal study to define the heat and mass transfer coefficients in
the fluid cooler. Leidenfrost and Korenic [5] followed a
development in their model similar to that of Parker and
Treybal and demonstrated that the numerical solutions for
proper design can only be obtained by iterative techniques.
It was also shown by experiments that the amount of water
sprayed onto a coil to produce complete wetting is sufficient
for maximum performance of the condenser. Dreyer [6]
presented various mathematical models for thermal evalu-
ation of evaporative coolers and condensers. These models
ranged from the exact model based on Poppe [7] to the
simplified models of Mizushina et al. [8,9]. Zalewski and
Gryglaszewski [10] developed a mathematical model for
evaporative fluid coolers based on the model of an
evaporative condenser proposed by Zalewski [11]. The
model took into account the effect of heat and mass transfer
area between air and water on the heat flux in the heat
exchanger in dependence of the structure of the water flow
down across the tubes. Alonso et al. [12] developed a
universal heat and mass transfer model based on basic
principles that could be used to analyze different indirect
evaporative cooler designs and conditions. On the other
hand, Halasz [13] developed a general non-dimensional

model applicable to all types of evaporative devices, which
required substituting the real saturation line with a straight
one. For each device, a unique rating procedure could be
established conveniently as it was irrespective of the relative
flow direction of the fluids involved.

Mizushina et al. [9] developed two different rating
methods for evaporative coolers; one, a numerical technique
and the other, a simpler analytical model based on the
assumption of constant water temperature. Finlay and Grant
[14] showed that the assumption of constant water
temperature might lead to errors in excess of 30 percent,
for example, in large tube banks. A rating method, based on
cooling tower procedures, was proposed by Tezuka et al.
[15] but the assumptions made in this model were not as
accurate as those used in the model of Parker and Treybal or
in the simple model of Mizushina. In another report, Finlay
and Grant [16] simplified the equations describing the mass
transfer in an evaporative cooler by assuming that the vapor
pressure of saturated moist air is a linear function of
temperature. The model is generally considered to be very
accurate, as this is the only major assumption made in the
derivation. The final design equations are very complicated,
however, and require a numerical solution.

Webb [17] performed a unified theoretical treatment for
thermal analysis of cooling towers, evaporative condensers
and evaporative fluid coolers. In this paper, specific
calculation procedures are outlined for sizing and rating
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each type of evaporative heat exchanger. The author
explained that the ‘tie-line’ is a line of slope E=(hyin—
ho)/(tine— 1) that intersects the saturated air enthalpy curve
(evaluated at the interface temperature) and the operating
line at (h,, ). It was also stated that the value of the tie-line
is a constant for an evaporative condenser but varies along
the air path in the evaporative fluid cooler. In another paper,
Webb and Villacres [18] describe three computer algorithms
that have been developed to perform rating calculations of
three evaporatively cooled heat exchangers. The algorithms
are particularly useful for rating commercially available
heat exchangers at off-design conditions. Bykov et al. [19]
investigated the heat and mass transfer and fluid flow
characteristics in an evaporative condenser and found a
complex pattern of water temperature and air enthalpy
change. Their research facilitated optimizing the heat and
mass transfer spaces as well as the effect of extended
surfaces. On the other hand, the optimization of the
geometrical and operating parameters of an evaporative
fluid cooler was presented by Zalewski et al. [20]. Guo and
Zhao [21] numerically analyzed the thermal performance of
an indirect evaporative air cooler and showed that a smaller
channel width, a lower inlet relative humidity of the
secondary air stream, a higher wettability of the plate, and
a higher velocity ratio of the secondary air to the primary air
stream gave a higher effectiveness. However, these authors
did not discuss the impact of fouling on the performance of
these evaporative heat exchangers.

The objective of this paper is to present a risk based (or
probabilistic) approach to the analysis of a fouling model
that we presented in an earlier paper and to depict its impact
on thermal performance of evaporative coolers and
condensers. In this regard, we present evaporative cooler
and condenser models, in conjunction with the fouling
model. These models are used to study the effect of fouling
on thermal performance parameters such as effectiveness
when operating under similar operating conditions.

2. Fouling growth model

The most widely accepted fouling model, which is used
in conventional heat exchangers, is based on the material
balance equation first proposed by Kern and Seaton [22]:

dR¢(r)
dt

In the above equation, the rate of fouling deposition, ¢,
depends on the type of fouling mechanism (sedimentation,
crystallization, organic material growth, etc.), while the rate
of fouling removal, ¢,, depends on both the hardness and
adhesive strength of the deposit and the shear stress due to
the flow velocity, as well as the coil configuration. The rates
of deposition and removal have been given many different
forms in the heat exchanger literature (depending upon the
type of fouling mechanism) by various investigators.

=¢a—¢; ¢y

In monitoring fouling in evaporative coolers and
condensers, the increase in thickness (due to net effect of
deposition and removal processes) with respect to time is
not difficult to ascertain on any site. Thickness gives a good
indication of the tube bank tendencies with regard to
fouling, but does not directly address the users’ main
interest; that is, performance degradation due to coil fouling.
The users of these heat exchangers are mainly interested in
knowing; (i) correlation between the thickness and fouling,
(i) loss in thermal performance, (iii) the effect of foulant
thickness on pressure drop, and normalized performance
index. Qureshi and Zubair [23], using the experimental
fouling data reported in Macleod-Smith [24] have recently
developed a model similar to the one presented in [25]. The
model demonstrates a correlation between normalized
cooler/condenser performance index (9qQnorm) due to
fouling as a function of thickness 6. The model is of the
form [23]

.c . s
NQ,norm = % = Cl (1 —exXp (C_2)> (2)

where C; and C, are constants depending on the fouling
characteristics of the evaporative fluid cooler or evaporative
condenser. C; represents the increase in value of 9gnorm
when the fouling reaches its asymptotic value, and C,
represents the thickness constant indicating that the
performance index has decreased to 63.2% of the
asymptotic value due to fouling. A linear description of
the above model can be expressed as

1 0
1 | == 3
n <1 _ anlonn ) C2 ( )

The constant C, is expressed in terms of the critical
acceptable value of the cooler/condenser performance index
7Q,norm a8
— 6(:1"

ln[l/(l - nQ,norm,cr/Cl )]

where the critical value of foulant thickness 6.,, is expressed
as

“

G

__ M
[1—ad™ ' (p)]

substituting Eqgs. (4) and (5) in to Eq. (3) and simplifying, we
get

nQ,norm(é’p; \/a)

= Cl [1 - exp{_ln[l/(l - nQ,norm,cr/Cl )] [1

Ocr &)

—Jad™ (PO/M} (6)

It should be noted that in the above equation, the risk
level, p, represents the probability of the tubes being fouled
up to a critical level after which cleaning is needed. The
parameters M and /a here represented the median thickness
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and the scatter parameter in a transformed coordinate
system, where the exponential fouling growth model may be
treated as a linear replica. An illustration of the model
represented in Eq. (6) is shown in Fig. 2, wherein the y-axis
is transformed to represent a linear model of the heat
exchanger performance index for various levels of risk
factors.

3. Mathematical model of evaporative coolers and
condensers

Fig. 3 shows a combined infinitesimal control volume of
the basic model for evaporative fluid coolers and evapora-
tive condensers. For both the evaporative fluid cooler and
evaporative condenser, the air (subsystem I) is flowing in an
upward direction whereas the water (subsystem II) is
sprayed in a downward direction. It is considered that the
process fluid (subsystem III) flows in the upward direction in
an evaporative cooler while, in the case of an evaporative
condenser, the refrigerant (subsystem III) flows downwards.
The major assumptions that are used to derive the basic
modeling equations may be summarized as [6,9,17]:

e The system is in steady state.

e The apparatus and the cooling water re-circulating
circuit are insulated from the surroundings.

Radiation heat transfer is ignored.

Negligible water loss due to drift.

The heat and mass transfer coefficients are constant
within the tube bundle.

Complete surface wetting of the tube bundle.

The distribution of air and water is uniform at the inlets
and this uniformity is maintained. Thus, the tempera-
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Fig. 2. Normalized cooler/condenser performance index versus
reduced thickness (6/M) in the transformed coordinate system.

tures in the unit will only depend on the vertical position
in the unit, which implies the model is one-dimensional.

e The film temperature at the air — water interface is equal
to the bulk film temperature.

e The re-circulating water temperature at the inlet and
outlet is same.

e The water film on the tubes is considered to be very thin
i.e. the air — water interface area is approximately equal
to the outer surface area of dry tubes.

We see from Fig. 3 that the water mass balance, for both
the evaporative cooler and condenser, can be written as

o
W+ iy, + (—mw)dA

0A
ow
=n j, | W — |dA 7
i, | W+ (G aa ™
After simplification, we get
ow 1 dmy
A i 0A ®)

For both types of heat exchangers, the mass flow rate of
the recirculating water evaporating into the air, in terms of
the mass-transfer coefficient (4p), is given by

o

i o+ (%)cm = ity + hip(Wyio — WA ©)
Simplifying, we get

d"./lw = hD(Ws,im - W)dA (10)

It is obvious from Eqs. (8) and (10) that the water mass
flow rate does not remain constant due to the process of
evaporation.

For both the evaporative cooling devices, simultaneous
heat and mass transfer takes place at the air—water interface
that can be expressed as

oo+ (3 )]

= rghy + he(ti —1,)dA + hD(W%,im - W)hfg,imdA an

Simplifying the above equation, introducing the Lewis
factor, Le=hc/hpcp 5, and assuming that hg, = h, results in
[6,23]

an, = oA

[(hs,im _ha) + [Le — 1]{(hs,im _ha)

i a
- (Ws,inl - W)hg,im}] (12)
where ¢, , is the specific heat of the mixture and Ay, is

specific enthalpy of water vapor evaluated at the interface
temperature, ;. If Lewis factor is taken as unity, we get

h
iy = 2 (hy oy — hy)dA (13)

a
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Fig. 3. Infinitesimal control volume of the basic model for an evaporative fluid cooler and evaporative condenser.

Now, let the enthalpies of the water and process fluid be
written as

0Ny ot,, oh, at,
v (O T (O 14
A CP"”(&A)’ oA~ r\aa 14

From Fig. 3, we see that the overall energy balance on
the process fluid of the evaporative cooler can be written as:

oh
rivyhy, = 1in, [hp + <a—:) dA} + Upg(t, — tin)dA (15)
Using Eq. (14) and simplifying, we get
Uss
ds, = - ;’ (t, — ip)dA (16)
pCp.p

and U, is the time-dependent (due to fouling) overall heat
transfer coefficient based on the outer area of the tubes.

The overall energy balance on the control volume (refer
to Fig. 3) for the evaporative cooler results in

titgh, + {mw + <‘3(;"—AW) dA} [hf,W + <aggw>dA}

+ ity

=t i+ (G )aa | +

0A

+ i [hp + (%) dA} (17)

Neglecting higher order terms, simplifying and using Eq.
(14), we get

1
dr, = [rir,dh, — cp ity drity, + 1

Ty Cp

5 Cp.pdtp] (18)
In the above equation, it is important to note that some of
the heat removed from the process fluid goes to heating (or
cooling) the water film.
Following a similar approach on the control volume of

the evaporative condenser with regard to the overall energy
balance, wherein the condensing fluid flows in a top to
bottom direction (Figs. 1 and 3), we get

Ty Cp w

1
dr, = [ritydhy — €ty dritg, — ritedlh,] (19)

Applying a similar procedure to the evaporative
condenser as was used previously to formulate Eq. (16),
keeping in mind the direction of flow of the condensing fluid
(refer to Figs. 1 and 3) as well as the fact that the refrigerant
enthalpy changes but its temperature remains constant, we
get

U,
dhr = .OS ([r _tinl)dA (20)
m;
The time-dependent conductance (UA) of the heat
exchanger can be written as
1 1 In(d, os/dy ;s) 1

UA + + Ry + Ry (2 21
UA  hpAi 27k L Be.wAos int (1) (21)

It should be noted that
UosAos = UisAis =UA (22)

Now, if the temperature of the interface film is
considered the same as the bulk water temperature, then
all the terms with the subscripts (s, int) will be replaced by
(s, w) effectively reducing the interface thermal resistance to
zero i.e. Ry, — 0. And this is the approach that was used in
the current work.

4. Numerical solution procedure

The full system of five differential equations describing
the operation of the evaporative fluid cooler is given by Eqgs.
(8), (10), (13), (16) and (18); whereas the system of five
differential equations describing the operation of the
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evaporative condenser is given by Eqgs. (8), (10), (13), (19)
and (20). It should be noted that the correlations for
convective and condensation heat transfer coefficients inside
the tubes as well as the mass transfer and the film heat
transfer coefficients outside the tubes are used from various
sources which are summarized in the Appendix A.

A computer program is written in engineering equation
solver (EES) for solving these equations for both the cooler
and condenser. In this program, properties of air—water
vapor mixture are needed at each step of numerical
calculation, which are obtained from the built-in functions
provided in EES. Each differential equation is first
transformed into an appropriate form by integrating both
sides. We then use EES to solve initial value differential
equations as detailed below [26]:

In an evaporative fluid cooler, for the process fluid, we
write

T dr,
fy = fyin + J (a)dA (23)

where the term in brackets is known from Eq. (16).
Similarly, for air and water, the other equations are
written as follows:

A
dh,
h, = hy; —2)dA 24
a a,in + J (dA) ( )
Aj
T d
1,
= —*)dA 25
Iy Lw,out + J (dA> (25)
A
T daw
A;
A i
m
P w )
My My, out + J ( dA )dA ( 7)
4

where the term in brackets for Egs. (24)—(27) are known
from Egs. (13), (18), (8), and (10), respectively. In
evaporative fluid coolers, the process fluid can be
considered to be flowing from bottom-to-top or top-to-
bottom. In this study, the former configuration was
considered for comparatively easier calculation of results
and, therefore, the process fluid temperature at the bottom
(tp,in) 1s known. It should be noted that air and water are
flowing in a counter-current direction and that the
integration is performed from bottom to top. Therefore,
the recirculating water temperature and water mass flow rate
at the bottom of the heat exchanger must be guessed through
iterations. The correct water temperature (t o) is the one,
due to which, the water temperature at the top of the heat

exchanger comes out to be the same as at the bottom.
Similarly, the correct water flow rate at the bottom (71, )
is the one, which gives the known value of the water flow
rate at the inlet (i.e. at the top). The numerical solution for
the evaporative condenser is performed in a similar manner.

The number of transfer units of the evaporative fluid
cooler and condenser is calculated by

hi\,uul
hpA dh,
P | —2 =—NTU (28)
n, (hint - ha)

Iain

It is important to note that the NTU is a measure of the
air—water interface area required to affect the required heat
transfer duty.

The effectiveness of the evaporative fluid cooler and
condenser are defined as the ratio of actual energy to the
maximum possible energy transfer from the fluid in the
tubes and are given by the following two set of equations:

4 ,in —1 out

Eefc = 22 PO (29)
tp,in - twb,in
hr in hr out

Eoe = — (30)
¢ hr,in - hwb,in

The effectiveness of the evaporative fluid cooler (Eq.
(29)) is based on the fact that the lowest possible
temperature achievable for the process fluid is the wet
bulb temperature. Regarding the evaporative condenser (Eq.
(30)), Ettouney et al. [27] explained that the maximum
amount of heat removed from the condenser occurs as the
condensate temperature cools to the wet bulb temperature of
the air.

Calculations regarding the evaporative fluid cooler have
been validated from the experimental data provided by Jang
and Wang [28] shown in Fig. 4(a) and the results were found
to be in good agreement. Fig. 4(b) and (c) show a
comparison of evaporation prediction made by our
evaporative fluid cooler and evaporative condenser models,
respectively, and a procedure used by Baltimore Aircoil
[29]. For the fluid cooler, the error ranged from —0.9 to 6%
and from 1.4 to —14.8% for the condenser. Furthermore,
numerical examples provided by other authors [12,14,30,31]
were also compared with the values obtained by our model,
and the results are summarized in Table 1. The percentage
error in the calculated outlet process fluid temperature
(tp,0u)> €valuated from the present model, was found to be
quite reliable (within +2.25%). Similarly, experimental [5]
as well as numerical data [6] were compared to validate the
evaporative condenser model. It was noted that the
percentage error in the calculated condenser temperature
(t,), evaluated from the present model using the experimen-
tal data provided by Leidenfrost and Korenic [5], was found
to be acceptable (within+5.6%). Also, the results of two
numerical examples given by Dreyer [6] were also
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compared and the errors associated with the heat transfer
prediction were found to be less than 2.2%.

5. Effect of fouling on thermal performance

The mathematical model of the evaporative cooler and
condenser discussed in the previous section can be used for
design and rating calculations of these class of heat
exchangers. It should be noted that the rating calculations
procedure is used for studying the effect of fouling on
evaporative cooler and condenser performance. In rating
calculations, parameter such as process fluid outlet
temperature (f, o) and effectiveness () are calculated
for the following set of input conditions: inlet air
temperatures [dry bulb (t4 in) and wet bulb (tyin)], process
fluid inlet temperature (7;,;,) or condenser temperature(t,),
mass flow rates [air (r,), water (ri1,;,) and process fluid
(1) or refrigerant (si1,)], performance index (7¢) and tube
surface area (A). While in design calculations, the tube
surface area is calculated for the following set of input
conditions: inlet air temperatures (dry bulb and wet bulb
temperatures), process fluid inlet and outlet temperatures,
(tpin» Ipou)> mass flow rates [air (riz,), water (71, ;,) and
process fluid (ri1,) or refrigerant (siz,)] and performance
index (1q).

The evaporative cooler and condenser models, in
combination with the fouling model, are used for studying
thermal performance under fouled conditions. The time
dependent effectiveness of the evaporative cooler and
condenser discussed in an earlier section are presented in
Fig. 5(a) and 6(a) in a reduced coordinate system. Fig. 5(a) is
drawn for the following set of input data: t4,;,=25 °C,
tabin=18°C, 1,;,=50°C, A=9.111m%* Le=lI,
Ty in = 2.5 kg/s, m, =2.913kg/s and s, = 6kg/s while
Fig. 6(a) is drawn for: 4y ;n =25 °C, twpin=18°C, t,=
50°C, A=9.703 m?, Le=1, Tily in = 2.6606 kg/s, ri1, = 1.88
kg/s and rii, = 0.1086 kg/s, where ammonia was used as the
refrigerant. In these figures, reduced effectiveness &(6, p; \/a)/
£(0) versus reduced fouling thickness 6/M plots for different
risk levels p, representing the probability of the tube surface
being fouled up to a critical level after which a cleaning is
needed; and scatter parameter /a = 0.3, are plotted for the
fouling-growth model that we presented earlier. As
expected, the effectiveness of the evaporative cooler and
condenser degrade significantly with time indicating that for
a low risk level (p=0.01), there is about 66.7% decrease in
effectiveness for the given fouling model, when 6/M=1.0.
The variations in the reduced process fluid outlet tempera-
ture versus reduced fouling thickness for different risk levels
p and for scatter parameter \/a = 0.3, is shown in Fig. 5(b).
As one would expect, the figures show that for a low risk
level (i.e. high reliability) when compared with the
deterministic case, the process fluid outlet temperature is
high, indicating that there will be a lower heat transfer rate
due to fouling compared with the deterministic case. It is
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noticed that there is about 4.7% increase in the fluid outlet
temperature for the given fouling model. The same
percentage decrease in heat transfer is observed for the
evaporative condenser as can be seen from Fig. 6(b).

We may notice from the above discussion that fouling
reduces the thermal performance, which is reflected in the
decreased value of the effectiveness. In order to achieve a
constant value of the effectiveness, under fouled conditions,
its surface area has to be increased. Figs. 7 and 8 show a plot
of the area fraction (Ag/A.) of the heat exchanger for
different assumed values of C; for the evaporative cooler
and condenser, respectively. The required surface area
increases non-linearly in both cases. Also, it can be seen
from the figure that the effect of atmospheric pressure
(elevation) is insignificant.

6. Effect of atmospheric pressure (elevation)

Sutherland [32] mentioned that an increase in altitude of
approximately 850 m would result in 10 kPa decrease of
atmospheric pressure. This change in atmospheric pressure
would definitely effect the operations of evaporative coolers
and condensers because it directly influences the wet-bulb
temperature. The wet bulb temperature is, theoretically, the
lowest temperature that the process fluid can achieve and,
therefore, it is important to quantify this effect, in terms of
design, on required surface area to achieve a prescribed
amount of cooling. Fig. 9(a) and (b) are drawn for the
following set of input data that is also considered in
Mizushina et al. [8] ldb,in:29 OC, twb,in=21.1 OC, tp,in:
50 °C, rir, = 0.325 kgs.

Fig. 9(a) shows the plot of the surface area required to
achieve the necessary cooling of the process fluid versus the
atmospheric pressure. The figure shows that for achieving
the same fluid outlet temperature, the surface area of the
tubes can be reduced by 0.3 m*> when atmospheric pressure
reduces by 17 kPa for my,g, = rity, o/, = 0.5. As in the
cooling tower [25], the reduction in required surface area
with the increasing altitude occurs because both the dry and
wet bulb temperatures decrease. Less surface area is needed
for the same amount of cooling because the colder air
comparatively cools the water better. Also, Eq. (16) shows

(@ 1 [T T T T T T T 11
0.9 - a]/z =0.3, Eefe (0)=0.1
n Q,rmrm,cr/Cl =0.76
R
% ——p=0.5
g 07 —p04 ]
g; 06 \ —+—p=02 ]
=) o AN ——p=0.1
‘@; 5 \k\\\ ——p=0.05
ki NIRRT R ——p=0.01
& 04 e — p=0.01
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0.3 =
0.2 |
0 05 1 15 2
Reduced thickness, 6/M
(b) 106
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& 795
= = —+—p=04
"3 1.0 4 ——p=02 |
Y _
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S 1.02 —*%—p=0.05 |
[=}
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0 05 1 15 2
Reduced thickness, 6/M

Fig. 5. Normalized efficiency (a) normalized outlet process fluid
temperature (b) versus reduced thickness.

that, as the atmospheric pressure decreases, the value of
(t,—ty) increases due to the decreasing water temperature
and, thus, the required surface area decreases. Now, the
surface area is larger as the mass flow rate ratio decreases
and is due to higher water temperatures achieved at these

Table 1

Percentage error in calculated values of outlet process fluid temperature

it (kg/s) Ty in (kgfs) iy, (kgls) tab,in (°C) fwb,in (°C) fpin (°C) e (°0) £ (°C) Ip.out (%
error)

1.880 2.667 15.00 25.0 19.50 50.0 48.32° 48.11 —0.414

0.166 0.458 0.325 17.5 13.43 44.8 37.50° 37.58 0.213

2.070 1.845 2.670 10.0 8.450 15.6 13.55° 13.55 0

2913 2.500 6.000 25.0 18.00 50.0 44.15¢ 45.14 2.242

? Dreyer [6].

® Mizushina and Miyashita [8].
¢ Finlay and Harris [30].

4 Erens [31].
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thickness.
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Fig. 8. Area fraction as a function of C; in evaporative condenser.

mass flow rate ratios (refer to Eqgs. (16) and (18)). However,
it is evident from Fig. 9(b) that the percentage decrease in
the required surface area, with respect to the surface area
calculated at standard atmospheric pressure, is almost the
same for each value of m ;.

Since the evaporative cooler and condenser are very
similar, it is not surprising that Fig. 10(a) and (b) are very
similar to its counterpart evaporative cooler plots. These are
drawn for the following set of input data that is also
considered in Leidenfrost and Korenic [5]: t4pi, =29 °C,
twbin=21.1°C, 1,=44.6 °C, i, = 0.013194 kg/s,
r1, = 0.06194 kg/s. Fig. 10(a) shows that, to meet the heat
load of the condensing refrigerant, the surface area of the
tubes can be reduced by 0.042 m*> when the atmospheric
pressure varies from 101.325 tso 84.325kPa at
Myyiio = My, in/i, = 0.5. The reasons for the reduction in
the required surface are the same as in the case of the
cooling tower [25] and evaporative cooler. Also, Eq. (20)
shows that, as the atmospheric pressure decreases, the value
of (#,—t,) increases due to the decreasing steady-state water
temperature and, thus, the required surface area decreases.
Now, the surface area is larger as the mass flow rate ratio
decreases and is due to higher water temperatures achieved
at lower mass flow rate ratios (refer to Egs. (19) and (20)).
However, it can be seen from Fig. 10(b) that the percentage
decrease in the required surface area, with respect to the
surface area calculated at standard atmospheric pressure, is
the same for each value of the mass flow rate ratio, similar to
what we have seen earlier in the evaporative fluid cooler.

7. Effect of mass flow rate and the tie line

The water to air mass flow ratio (myj, = ity jn/1i1,) is an
important factor and affects all aspects of the performance of
the evaporative coolers and condensers as seen in the results
already shown. Figs. 11 and 12 show the variation of the
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Fig. 9. Variation in required surface area (a) and percentage
decrease in required surface area (b) versus atmospheric pressure,
P.m in an evaporative cooler.

effectiveness in the typical range of the mass flow rate ratio
for the evaporative cooler and condenser, respectively,
wherein it increases for higher mass flow ratios due to higher
values of the overall heat transfer coefficient obtained. The
input data used was the same as that for all the previous
evaporative cooler and condenser results. The steady-state
water temperature acquired by the system in each case does
not amount to a significant change over the whole range
investigated and can be considered negligible (as shown in
Table 2).

The variation of the tie-line (E= — U,s/hp) was calcu-
lated in an evaporative cooler and condenser for a mass flow
ratio of 1. It was found that the value of the tie-line was almost
constant for the evaporative condenser and was found to be
around —8.8; however, this variation was comparatively
large (—11.21 to —8.22) in the evaporative cooler. There-
fore, it was beneficial to evaluate the error in NTU-estimation
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<ﬁ / /
< / ‘
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( A - Aam )/ Aam x100
&
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Pressure ratio, P/P sm

Fig. 10. Variation in required surface area (a) and percentage
decrease in required surface area (b) versus atmospheric pressure,
P,m in an evaporative condenser.

assuming the value of the tie-line to be constant for the
evaporative cooler in order to ascertain whether a
representative value can be found. Fig. 13 is a plot between
NTU and E for the evaporative cooler where the latter was
varied between the range found above. The error in
calculating the NTU varied from —13.8 to 0.39%, which is
quite large at one end. By considering the variation of E
during the process, we found NTU =0.939. This corresponds
to a representative value of E= —11.1 as shown in the figure.
It is worth noting that this is the same value that Baker and
Shryok [33] found to yield the best results for cooling towers.

8. Concluding remarks

Evaporative cooler and condenser models are investi-
gated by using engineering equation solver (EES) program,
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Fig. 11. Variation of effectiveness with mass flow ratio in an
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which are validated with experimental as well as numerical
data reported in the literature. An asymptotic fouling model,
similar to the one developed for cooling towers, in
conjunction with the numerical model of the counter flow
evaporative cooler and condenser have been used to study
the risk based performance characteristics of evaporative
coolers and condensers, including the effect of fouling on
the performance index. It is demonstrated that there is over
50% decrease in effectiveness for both the evaporative
cooler and condenser. Furthermore, it is found that there is
about 5% increase in the process fluid outlet temperature for
the given fouling model. This also demonstrates the
generality of the fouling model in that it not only applies
to evaluating the performance of cooling towers but also of
evaporative coolers and condensers.
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Fig. 12. Variation of effectiveness with mass flow ratio in an
evaporative condenser.

Table 2
Water temperatures achieved for Figs. 11 and 12
Meatio tw,efc (DC) tw,ec (OC)
0.50 40.35 36.86
0.70 40.31 37.00
0.90 40.26 37.10
1.10 40.21 37.17
1.30 40.16 37.22
1.08
1.06 4 Le = 1, Myaio = 1 //

1.04 /
1.02

NTU

0.98
- E=-11.1
0.96 \ /
0.94 P
0.92 - : : :
12 1 -10 -9 -8

E = -Uos / hp (kJ/kg."C)

Fig. 13. NTU variation for different values of the tie-line (E= —
U,s/hp) in an evaporative fluid cooler.

An example problem is also presented for both cases
wherein it is demonstrated that surface area of the tubes has
to be increased in order to achieve the targeted thermal
performance under fouled conditions whereas the atmos-
pheric pressure does not have a significant effect.
Furthermore, the effect of elevation on evaporative heat
exchanger design is investigated to highlight the signifi-
cance of atmospheric pressure. It is shown that mass flow
ratio (Myygo = My, 1n/11,) does not have any significant effect.
Also, for rating calculations, it is noted that the efficiency
increases with the mass flow rate ratio for both the
evaporative cooler and condenser. It is noted that Webb
[17] is correct in stating that the value of the tie-line would
be constant in the evaporative condenser and that it would
vary in the evaporative cooler. But it is found that, for a
constant value of —11.1 of the tie-line, typically used in
cooling towers is also valid for the evaporative cooler.
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Appendix A. Heat and mass transfer correlations

In this section, we present heat and mass transfer
correlations that are relevant to the design and analysis of
evaporative coolers and condensers.

The heat transfer coefficient during laminar flow (Re <
2300) inside a duct with a constant wall temperature is given
by [34]:

0.104(Re, Pry (d, /L))

Nuty = 3.66 +
“p 1+ 0.016(Re, Pr, (dy;,/1)**

(A.1)

The correlation for the heat transfer coefficient for a flow
inside of a tube in a turbulent flow regime is obtained from
Dreyer [6].

_ (fo/8)(Re, —1000)Pr, (1 + (din/L)*7)

Ni
o 1+ 127(f/8)03 (P37 — 1)

(A.2)

where the friction factor fp for smooth tubes was defined
by

fo = (1.82 log;oRe, — 1.64)”* (A3)

Eq. (A.2) is valid for the following ranges of Reynolds and
Prandtl numbers

d.
2300 < Re, < 10% 0.5 <Pr, < 10% 0< ( ‘L) <1

Chato [35] proposed an equation that we used to determine
the condensation heat transfer coefficient in essentially
horizontal tubes and is only valid for relatively low vapor
velocities (Re <35,000) at the tube inlet. This relationship
is given by

s kfc W 0.25
h, = 0.555 8P c(Pre — Pry)kichg (A4
:ur,c(tr - twall)dt,in
with
hiy = hgg + 0.68¢,,(t; — tya) (A.5)

Shah [36], however, predicted the same for higher vapor
velocities,

P 0.38
hy = hy {0.55 +2.09 (P—) } (A.6)
where /. is given by
k..
hy, = 0.023RelSPrd (d"f > (A7)
t,in

The film heat transfer coefficient from outside of the
tubes in a counterflow horizontal tube evaporative
cooler are obtained from Mizushina et al. [8], which
is also recommended by Dreyer [6]. It can be summarized
as:

T 173
heyw = 21029 (—) (A.8)

t,08

with
r
0.195 < ( ) < 5.556 (A.9)
1,08
where
My in @i os
I = mw,mﬁt,os (A]O)
2n, P, L

It is important to note that the correlation given by
Mizushina et al. [8] was obtained from test data using tube
diameters of 12.7, 19.05, and 40.0 mm.

The following volumetric correlation for the mass
transfer coefficient was found to fit the test data of
Mizushina et al. [8]:

hpa = 5.027 X 10¥(Re,)™* (Rey )™ (d, o) ¢ (A.11)

The interfacial area per unit volume of a tube bundle in a
(2Xd, ) array can be expressed as

Lo e _m 09069
(Zdt,os)(\/gdl,os) (2\/§dt,os) dt,OS

The mass transfer coefficient based on interfacial area
per unit volume of a tube bundle can now be simplified to

(A.12)

hp = 5.544 X 10~*(Re,)™ (Rey,) " (dyos) ° (A.13)
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